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1. Introduction

Unlike the vibro-acoustic response of simple continuous structures such as beams and plates [1,2], a detailed analysis of
wave motions for stiffened plates is often difficult to achieve because of the complexity of the structural configuration and
the uncertainty of the boundary conditions. Traditionally, the vibration of a periodic plate structure is analyzed using an
equivalent orthotropic plate [1,3]. Heckl [4] has suggested that a periodic ribbed plate could be treated as an orthotropic
plate when the distance between the adjacent ribs is less than a quarter of the shortest plate-bending wavelength. Based
on the calculation of wave propagating constants, he found that pass bands of a periodic ribbed plate could be divided into
two categories: the first one is close to the resonance frequencies of the un-ribbed plate, while the second is close to the
frequencies of total transmission for a plate with one beam. The orthotropic model is therefore more appropriate at lower
frequencies. The most common approaches to analyzing the dynamic response of periodic structures are wave propagation
[4-6], transfer matrix method [7,8], spectral finite elements [14], finite element method (FEM) [9-12] and boundary
element method (BEM) [13]. The two latter methods are deterministic, thus providing accurate numerical tools for
predicting the dynamic response of ribbed plates with complex configurations.
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To predict the vibro-acoustics of ribbed panels in the context of statistical energy analysis (SEA), Bremner [22] has
explained the distinct behaviors in terms of wavenumbers of a flat ribbed plate of width L, and height L, stiffened with ribs
and frames with spacing S, and S, between the ribs and frames. As the modal half-wavelength in the x and y-direction goes
below the L, and L, dimensions, the plate behavior shifts from global behavior, over the plate area (L, L,), to periodic
behavior over areas delimited by (L, Sy), (L, Sx). Finally, when the modal half-wavelength goes below the rib and frame
spacing Sy and S,, the modal behavior is determined by the behavior of a flat uniform sub-panel delimited by the ribs and
frames. Those four conditions represent the four models required in fully describing the modal behavior of a stiffened plate
over a large frequency band. When a particular condition is met for periodic modes behavior, modes will exist in groups of
multiplicity u,. The multiplicity factor is the number of modes that are sustained at a particular frequency. Recently, Cotoni
et al. [23] developed a hybrid (SEA) subsystem formulation based on finite elements, component mode synthesis and
periodic theory to evaluate modal density and coupling loss factor of ribbed plates. The analytical model presented in this
paper will be compared to previous model.

Maidanik [24] evaluated the response of a ribbed plate excited by a diffuse field. He found that ribbing increases the
radiation resistance of the panel and therefore enhances the energy exchange between the panel and the sound field. Fahy
[25] concurs by stating that the wave reflections produced by the ribs alter the dispersion relationship in such a way that
free waves having wavenumber vector components of supersonic phase velocity can propagate at frequencies below the
critical frequency of the uniform-plate. These components increase the subcritical radiation efficiency and may cause the
panel to be excited in a coincident manner by incident sound waves at frequencies below coincidence, thus decreasing
transmission loss.

Several analytical models have been developed. Lee and Kim [15] modeled the stiffeners using a combination of
lumped masses and translational and rotational springs to evaluate the sound transmission loss by means of the spatial
harmonic technique developed by Mead and Pujara [16] and Mead [17,18]. This model does not take into account
the geometry of the stiffeners. In addition, their numerical results were not validated experimentally. Maurys and
Matte [19] added the stiffeners onto the plate as a force, but they did not take the moment into account. Lin and Pan [20]
and Lin [21] modeled the stiffeners of simply supported plates as forces and moments and investigated the forced vibration
properties of unidirectionally stiffened flat plates at low frequency range. Liu et al. [36] used the receptance method
and modal expansion technique to evaluate the airborne sound insulation of curved panels with a stringer and
frame attachments. The acoustic diffuse field response of the stiffened panels was analyzed. The formulation for
the bidirectionally stiffened panels was given in the same way as for the unidirectionally stiffened panels. In their analysis,
the effect of circumferential stiffeners was neglected and the bidirectionally stiffened panels were treated as the
unidirectional stiffened one.

In this paper, a semi-analytical formulation based on the modal expansion technique is presented to predict the vibro-
acoustic response of both unidirectionally and bidirectionally stiffened flat plates with even and uneven inter-rib spacing.
The formulation is an extension of previous modal-based works accounting for the interactions between ribs and plate as
moments and force coupling. The rotary inertia of the skin is taken into account and the method to accommodate the
eccentricity of the stiffeners about the mid-plane is clearly defined. Moreover, the effect of the cross-modal coupling on the
vibro-acoustic response of stiffened plate is investigated. The interaction between the orthogonal stiffeners in the case of
the bidirectionally stiffened plate is clearly captured in the presented formulation. The presented method allows a reliable
estimate of the responses to different types of excitations such as point force, DAF and TBL. It is worth noting here that
while there is an extensive literature on the response of isotropic flat plates to TBL excitation [26,27], only a few published
studies are available on the vibro-acoustic response of a flat plate with unidirectional stiffeners [40], and no study has been
found on bidirectional configurations.

The advantage of the presented method compared to previous work is that the response of both unidirectional and
bidirectional-stiffened plate is obtained using only one simple and general matrix formulation. Moreover, both light and
heavy fluid effect is included, rendering the method applicable for aircraft and naval stiffened plate designs. In addition, the
exact solution for vibro-acoustic responses to a diffuse acoustic field and point force excitation are presented. The
predicted results are shown in excellent agreement with FEM and BEM with a significant reduction in computational.
However, compared to the latter methods the proposed formulation is limited to flat simply supported panels and neglects
direct radiation from the stiffeners.

Section 2 includes a presentation of the analytical solution in predicting the dynamic and acoustic response of finite
plates that are evenly and unevenly stiffened with various and eccentric shapes of stiffeners. Section 3 presents a
comparison of the predicted results for the dynamic and acoustic response of panels stiffened with varied and eccentri-
cally shaped stiffeners for both unidirectional and bidirectional-stiffened panels with the results obtained using FEM. In
Section 4, the predicted transmission loss of stiffened panels are validated using experimental data and a hybrid
SEA-periodic model of Cotoni et al. [23] on two flat panels representative of those used in aircraft.

2. Theory

A description of the theoretical model is presented in this section, including the general solution in predicting the
vibro-acoustic response of both bidirectionally and unidirectionally stiffened plates.
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2.1. General formulations

The flat rectangular panels considered in this study are either unidirectionally or bidirectionally reinforced (Figs. 1 and 2).
The plate is assumed to be simply supported and reinforced by Ny and N, eccentric stiffeners in the x and y directions,
respectively, which are either evenly or unevenly spaced along the plate surface. The plate is described using a thin shell
theory and the stiffeners are described using Euler-Bernoulli’'s beam theory. The stiffeners, which are assumed to be
physically unconnected to each other, are aligned parallel to the rectangular edge and are fully connected to the plate along
their full length. The acoustic radiation from the stiffeners is not taken into account. The effect of fluid loading is, however,
accounted for and is shown to be negligible in the studied configurations.

The governing equation of the motion of a thin plate can be written as [28,29] by taking into account the plate’s
rotational inertia:
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where D, = E(1 +j11)hg/12(]—v2) is the plate-bending stiffness. Ep, hp, vp, pp and i are, respectively, Young’s modulus,
thickness, Poisson’s ratio, density and damping coefficient of the plate. Ff F,.Sy are the transverse shear force in x and y at

positions x; and y;. MJ.SX; M,.Sy are the moment per unit length at the ith and jth stiffener-plate interface. Py and P, {I=1, 2}
are the external excitation and fluid loading pressures. § and ¢’ represent dirac operators and its spatial derivative,
respectively.

The governing equations of the flexural and torsional displacements of the ith and jth stiffener in the y-direction and the
x-direction are given by
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Fig. 2. Bidirectionally stiffened plate.
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where ng, U’s are transversal displacement at the joint lines of attachments and (9;, Ggy are torsional angles. Ey Iy, Eyly are
the bending rigidities and GyJy,, Gy,Jy, are the torsional rigidities of the stiffeners in the “x-wise and y-wise” directions,
respectively. p,, p, and Ay, Ay, are the mass and surface of the stiffener, I, I, and I, , I, are the moment of the inertia and
the polar moment of inertia of the stiffener cross section about its center of mass, respectlvely Damping is included using
complex elasticity coefficients. To account for eccentricity between the neutral axis of the stiffeners and the mid-plane
of the plate, Huygens’ formula [38] is used to calculate the moment of inertia of the stiffeners about the mid-plane of
the plate.
The compatibility conditions at the beam/plate interfaces read:

5, 0) = W(x.,y), (6)
i WXLY)
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Eqgs. (1)-(5) are solved by modal expansion of the displacement fields of the plate and stiffeners:
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where @n,(x)= sm(mnx/ x) and @n(y)=sin(nny/L,) are the mode shape (trial functions) for simply supported boundary
conditions. Wy, U, 0’ are the modal coefficients of the (m, n)th bending mode and modal coefficient of nth flexural and
torsional mode of the 1th beam, respectively.

Multiplying Eq. (1) and Egs. (2)-(5) by their respective mode shape functions and integrating each along the surface of
the skin and along the length of stiffener, respectively, leads to

Nx
Z5uWonn = Prn—> _ F (X)) — ZM,,,fpmm)—ZFSancy,) ZM,,{,(pncynﬂwZZmenwpq. (15)
i

where Z5,, = ph, (/ﬂf ki, — coz hy 2 (k% +k2)>Nmn is the structural impedance with Np,,=L,Ly/4, and Z,qmy is the radiation

impedance. kmnn = \/kZ, +k% is the modal wavenumber of the (m, n)th plate-bending mode where the terms k,,=mmn/L, and
k,=nmn/L, are the modal wavenumber components of the rectangular plate with respect to the two orthogonal plate edge
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directions. Eq. (15) can be written explicitly as
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where m_max, n_max are the selected truncation orders for the mode shape functions. The solution for Eq. (16) has the
following form:
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where Apgmn are the coefficients of the admittance matrix obtained from the inversion of the impedance matrix of Eq. (16).
The expression of the transversal and rotational modal coefficients is given by
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Using the compatibility conditions in Eqgs. (6)-(9) and Eqgs. (17)-(21), we obtain the expression of modal displacement

vector{W}at each frequency:

(W) = [AI[{P}—[y 11 [HI"], (22)

where T denotes the matrix transpose, [A] is the admittance matrix and {P} is the vector of the modal load. The components
of matrices [¢], [{/] and vector {H} are given in Appendix A.
After a few algebraic manipulations, we obtain the following expression for the plate’s modal displacements:
m_max n_max Ny . m_max n_max Ny i
Winn = ZZqumn qu* Z Z Zpkla'k* Z Z Zpk'l’ﬁ]k/p ’ (23)
P q k [ g

k'

where o« and ﬁf{,l, are complex parameters given in Appendix A.
Expression (23) is a general expression allowing the prediction of the modal displacement in both light and heavy
fluids. In the case of light-fluid loading, the modal displacement can be simplified by cancelling the cross-modal terms:

1

Ny N .
W, =——— |Ppn— P Oﬁi _ P, ]/ . 24
/I T — { m ;ZZ K%k ;ZZ ki Byt (24)
The fluid impedance Z,,,,,, can be written as

Zmnmn = Rmnmn +ijnmn- (25)
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In the case of light fluid the radiation reactance X;,,mn can also be neglected compared to the radiation resistance Rnmn.
The latter is given by

Rinnmn :pocogmnémn. (26)

where po and cg are the density and speed of the fluid, and ,,, is the modal radiation efficiency. In this study, we obtained
it using Leppington’s asymptotic formulas [30].

2.1.1. Response to point force excitation

Considering the model of a plate with eccentric and regular or irregular inter-rib stiffeners, attached along the “x-wise
and y-wise directions”. Excited by a point force Py at an arbitrary point (xo, ¥o), the classical vibration indicators of the plate
are easily derived. The space-averaged quadratic velocity and the quadratic velocity itself are given by

(V@) = %ZZEWMP. (27)
m n
where W, is given by Eq. (23) or (24) and P, is provided in the following expression:
Pinn = Py (X0) @, (Vo). (28)
The radiated power can be written as follows:
() = %ZW{W}T[ZHW}, (29)

where [Z] is the radiation impedance matrix and Rt denotes the real part.

2.1.2. Response to diffuse field, point force and turbulent boundary layer load
For a diffuse acoustic field excitation, the vibro-acoustic responses are obtained by considering a plane wave excitation
having incidences angles ¢, 0 about the x-axis and z-axis, respectively. The quadratic velocity is given by

2
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where "~ denotes the conjugate.
By assuming that the fluid is light, the contribution of cross-modal loading terms (PmnPjy;) and the cross-modal terms of
the radiation impedance are negligible and the quadratic velocity of the stiffened plate can be written as
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The expression of the modal loading terms |Pm,(¢,0,w)[? is computed using Maidanik’s formulation [24].
The quadratic velocity for a diffuse acoustic field is obtained by averaging over all incident angles:
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This leads to
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where J2, (w) is the joint acceptance in a diffuse field given by

271 Omax .
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oo

and 0.« is the maximum angle of incidence.

The remaining integration in Eq. (34) is difficult to perform analytically, but due to the nature of the integrand, it lends
itself easily to numerical integration.

The radiated power in a diffuse field can be written as

2
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The transmission loss is given by
TL = 10Log(1/7(w)), (36)
where 7(w) is the transmission coefficient in a diffuse field that is obtained by averaging overall incidence angles:
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The expression of T2, is given by

2n Omax
T2, = /0 /0 |Pran(,0,)|? sin(0) d0 dep, (40)

Note that, when the cross coupling is accounted for, the transmission loss is given using Eqgs. (23), (29), (37) and (38).
This will include the average of the cross-modal loading terms given by [44]

167?Rimnpq

) 41
PoCoSk3 “n

2n pym
/ / Ponn(0.0,0)P(0,0,0) sin(0) d0 dp =
oJo
where kois the acoustic wave number, and S is the surface of the skin.
For a TBL excitation, the quadratic velocity and radiated power are given by Egs. (33) and (35), respectively, with the
joint acceptance J?,, given by

.Irznn(w) = 5_2 /// (pm(X/)(pn(y/)qspp(xvyvxlvy/vw)q)m(x)q)n(y) dx d.y ax’ dy/, (42)
A A

where ¢p,(X,y,x,y') is the spatial power spectral density of blocked parietal pressure of the TBL; by applying Fourier
transform in expression (42), the joint acceptance can be written as

1 +oo pH4o00
B =g [ [ Sl St dc iy, (43)

where Spp(ky, ky), Smn(kx ky) are respectively the power spectral density of blocked parietal pressure of the TBL and the
modal function in the wavenumber domain.

There are many models for the power spectral density of TBL in the literature. Joint acceptance can be performed
analytically using Eq. (42) or Eq. (43) for models such as Cockburn’s [31], Corcos’ [32] and Efimtsov’s [33] models, or
numerically using Eq. (43) for other models such as Smol’Yakov [42] and Chase models [43].
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Finally, it is worth noting that the formulation for unstiffened and unidirectionally stiffened plates is a special case of
the previous formulation; their response can be computed by cancelling the sums involving N, and/or N,.

3. Numerical results and discussion

We examined the accuracy of the analytical method by comparing the predicted dynamic response to FEM simulations
for both unidirectionally and bidirectionally stiffened plates. The shape, inter-rib spacing and eccentricity of the stiffeners
were all varied. In the TBL excitation case, the model presented in this study was validated by comparing it to SEA
predictions using the commercial software program VAone [34]. This program uses Cockburn’s model [32] for the TBL and
Bremner's ribbed plate approximation for the ribbed plates [22,41]. For the DAF excitation, the results were validated using
an in-house code with NASTRAN for the structural response and Rayleigh’s integral for the acoustic response. For the sake
of conciseness, the results presented in this section are limited to (i) numerical validations using FEM for a point force
excitation and (ii) experimental validation TL prediction. In addition, in all the results presented in this paper, the
maximum number of trial functions (base modes of the simple supported plate) is selected by verification of the solution’s
convergence. This paper does not include a convergence study.

3.1. Plate stiffened unidirectionally

3.1.1. Response to point excitation load on the stiffener

Consider the stiffened plate I shown in Fig. 3a. The cross section of the stiffeners is represented in Fig. 3b. The
mechanical and geometrical properties of the plate and the stiffeners are listed in Table 1. The origin of the (x, y) axes is at
the lower left corner of the plate. The point force is located on a stiffener at position (0.143 m, 0.11 m).

The predicted quadratic velocity and radiated power from the present model of the stiffened plate with simple eccentric
stiffeners is compared with the FEM using the commercial software program MSC.Nastran [35]. In this program, the plate
is modeled using Quad4 elements and the stiffeners are modeled as beams (Cbeam elements). Offsets are used to connect
the plate and the beams.

(b)

Fig. 3. Unidirectionally stiffened plate: (a) complete structure and (b) stiffener.

Table 1
Properties of unidirectionally stiffened plates.

Stiffened plate I

Stiffened plate 11

Stiffened plate III

Material

Number of stiffeners

Damping

Surface area of skin (m?)

Thickness of the plate (m)

Spacing between stiffeners (m)
Moments of inertia of stiffeners (m*)

Stiffener cross section (m?)
Eccentricity (m)

Aluminum
Ny=5

7n=0.01

S=1.06 x 1.54
hp=8 x10~3
Sx=0.18
;=127 x 10~ 2
1,;=2.93 x 10~ 12
Ayi=1.52x 107>
e,=116x10"3

Aluminum

Ny=5

n=1%

$=1.06 x 1.54
hp=8 x10~3
Sx=0.175
1,;=3.3722 x 108
1,;=6.0994 x 10~ 2
Ayi=2.68538 x 10>
e,=1x10"2

Aluminum

Ny=5

n=1%

S=1.06 x 1.54
h~1x1073
Sx=0.18

1,,=7.83 x 107°
1,;=6.18 x 10~°
Ayi=8.51x 107"
e,=1.642x 1072
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Fig. 4. Comparison of FEM and predicted quadratic velocity and radiated power.

The FEM results are obtained using an in-house code which uses the eigenvalues and the eigenvectors extracted from
MSC/NASTRAN. In the FEM model, 7313 CQUAD4 thin shell elements and 514 CBAR beam elements were used. The
response was calculated using a modal frequency response analysis in 23 structural modes. In the model presented here,
the modal summation is computed using 100 trail functions (summation limited to m_max=10 and n_max=10).

Fig. 4 shows the comparison between predicted and FEM results. Both the space-averaged quadratic velocity and radiated
power are predicted by (i) using the full radiation impedance matrix (including the cross-modal terms and reactance terms),
(ii) keeping only the diagonal terms of [Z] (light coupling) and (iii) eliminating the imaginary part X;,,,» of the radiation
impedance. An excellent agreement is obtained for both the space-averaged quadratic velocity and the radiated acoustic
power when the cross-modal terms are included in the analysis. However, and as known [37], slight discrepancies are
observed between the FEM and predicted results, especially for the radiated power at anti-resonances when the cross-modal
terms are neglected. To provide a complete analysis, Fig. 4 also shows the negligible effects when the reactance terms in this
light-fluid analysis are included. As well, a slight discrepancy is observed at the first resonances. This may due to the
difference between the formulation used to compute the radiation impedance and/or the modal truncation.

On an IBM dual core 2.7 GHz computer with 2 GB of RAM, 504 s of computational time is needed when cross-modal
terms are included in the analysis. The time required drops to 244 s when only direct terms are included, compared to 110 s
when only the real part of radiation impedance is calculated using Leppington’s formulation [30]. The computational time
needed for the extraction of modes with the MSC/NASTRAN model on the same machine is 78s. However, the
computational time to predict the vibration and acoustic response using the extracted NASTRAN modes took
approximately one hour using a dual-CPU Intel Xeon X5560 quad-core computer, 2.8 GHz of RAM.

3.1.2. Response to point excitation load on the skin

In this example, the stiffened plate Il shown in Fig. 5a has eccentric stiffeners with a more complex shape Fig. 5b. Their
geometrical properties are listed in Table 1. Moreover, the load is located on the plate at position (0.218 and 0.37379 m)
measured from the lower left corner of the plate. The results are shown in Fig. 6.

In FEM predictions, the mesh used in the previous example was conserved. In the analytical predictions, 100 trail
functions were used with the cross-modal terms included and 1600 functions with cross-modal terms left out.

Again, Fig. 6 shows slight discrepancies at anti-resonances when the cross-modal terms are neglected and an excellent
agreement when the cross-modal terms are included.

The computational cost is the same as in the previous example for the model presented here and the FEM models when
a 100 plate mode shape is used. However, the computational time is 1770 s when 1600 trail functions are used. To avoid a
long computational time for the radiation impedance and inversion of large matrices, which is dimensionally dependent of
the number of plate modes, an exact truncation of the series must be done to obtain an approximate solution with
sufficient accuracy.

It is worth noting that at high frequencies such as when the structural wavelength is less than the shortest distance
between the point force and the stiffeners, the effect of stiffeners would be negligible and the dynamic response of the
stiffened plate similar to the response of the sub-panels between the stiffeners. It is also observed (not shown here) that
the stiffened plate has the same response as an equivalent orthotropic plate only at low frequencies. Moreover, there are
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Fig. 5. Unidirectionally stiffened plate: (a) complete structure and (b) stiffener.
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Fig. 6. Comparison of FEM, predicted quadratic velocity and radiated power.

some particular modes of interest at frequencies where the stiffened plate has the same acoustic response as an equivalent
unstiffened one as confirmed by Lin [21] in the dynamic response. To illustrate, Fig. 7 shows the overlapping between the
acoustics responses of the stiffened and unstiffened plates at frequencies 637, 662 and 703 Hz, corresponding to modes
(6,1),(6,2) and (6,3) of the unstiffened plate, respectively. These modes correspond to flexural modes where the plate half-
wavelength 1, along the edge parallel to the x-axis (related to the modal wavenumber ky=mm/L, by A,=27/k,) coincides
with the spacing between stiffeners S,: (n4,=2Sy) where n is an integer. This means that all stiffeners are located at nodal
locations of these modes. Therefore, the stiffener effect is negligible at these frequencies and the ribbed plate has the same
response as an equivalent unstiffened one.

3.2. Bidirectionally reinforced plates with evenly and unevenly spaced stiffeners

We studied the evenly and unevenly stiffened plates IV and V shown in Fig. 8a and b, respectively. Table 2 lists the
mechanical and geometrical properties of the plates and stiffeners. The point force position on plates IV and V are (0.31 and
0.5m) and (0.31 and 0.52 m), respectively.

The accuracy of the proposed method was reverified by comparing the predicted space-averaged quadratic velocity and
radiated power to FEM results. In the FE model, 7200 CQUADA4 thin shell elements are used for the base plate. The stiffeners
are modeled using 420 CBAR beam elements for plate IV and 520 CBAR beam elements for plate V. In the model presented
here, the modal summation was computed using 100 base-plate modes. The comparisons are shown in Figs. 9 and 10.
Again, the results with and without modal coupling are shown.

The observations are similar to the previous case for both plates IV and V when the cross-modal terms are included or
left out in the analysis. The computational time used in the model presented here is 510s for an evenly stiffened plate and
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Fig. 8. Bidirectionally stiffened plate: (a) regularly spaced stiffeners and (b) irregularly spaced stiffeners.

Table 2
Properties of bidirectionally stiffened plates.

Regularly spaced plate IV

Irregularly spaced plate V

Stiffened plate VI

Material
Number of stiffeners

Damping

Surface area of skin (m?)

Thickness of the plate (m)

Spacing between stiffeners (m)
Moments of inertia of stiffeners (m*)

Stiffener cross section (m?)

Eccentricity (m)

Aluminum

Ny=2

Ny=3

n=1%
5=0.6x1.2

hp=8 x 103
5,=0.2

$,=0.3

L;=2.0738 x 10~ 2
1,;=9.3184 x 1072
Ay=2.112x107°
Ayi=2x107°

e, _x=1072

ez y=14x1072

Aluminum

hp=8 x 103
Sx1=0.1; S,,=0.3
$y1=0.2; Sy»=0.4
L;=2.0738 x 10~ '2
1,=9.3184 x 10~°
Ag=2112x 107>
Ayi=2x107°
ezz,—x=]072

€, y=14x1072

Aluminum

N,=8

Ny=5

n=1%

$=1.3716 x 1.6256
hp 1 x10~3
$=0.175
S,i=0.375

;i=8.71 x 1078
1,i=5.47 x 10~°
Aq=1.13x10"%
Ayi=8.99 x 10~°
e, _x=3.95x10"2
€ y=1.67955 x 1072

700s for an unevenly stiffened plate when the cross-modal terms are included. The time needed by MSC/NASTRAN for the
extraction of modes on the same machine is 55 and 70 s for even and uneven plate stiffening, respectively. The time needed
by the in-house code is more than one hour in both cases, using the same Intel Xeon X5560 computer.

4. Experimental validation

This section presents the experimental validation for the prediction of transmission loss of the two stiffened panels.
The first panel (III) (Table 1) has unidirectional stiffeners and the second panel (VI) (Table 2) has orthogonal stiffeners.

The experimental measurements presented here were carried out at the Université de Sherbrooke.
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Fig. 9. Comparison of FEM and predicted quadratic velocity and radiated power of regularly spaced stiffeners on plate IV.
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Fig. 10. Comparison of FEM and predicted quadratic velocity and radiated power of the irregularly spaced stiffeners on plate V.

4.1. Transmission loss on a unidirectionally stiffened plate loaded by diffuse field

The stiffened panel (IlI) was mounted between a reverberation room and an anechoic room and its TL was measured
according to standard ISO 15186-1: 2000. The low frequency limit of the used transmission loss facility is around 200 Hz
(reverberation room volume equal to 143 m?).

The comparison between measurement and predicted transmission loss of the stiffened panel (III) is shown in Fig. 11.
The field incidence (0nax=78°) is used in the predictions. Overall, the comparison is good. Note in particular that the
presented method is able to predict the dips at 315 and 1250Hz. However, these dips are less pronounced in the
experiments.

Using presented model or directly the NASTRAN model, one can visualize the modes of the panel to estimate
the wavelength (structural trace) of the plate at each frequency. In this example, it is found that below 98 Hz the
behavior is controlled by global modes. The first sub-panel mode is at approximately 100Hz and its effect is
not clearly seen in the TL curve. The dips observed at 315Hz, and 1250H 1/3-octave bands were correlated with

high-order sub-panel modes localized at one edge of the panel (the local modes are highly attenuated in the other
sub-panels).
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Fig. 11. Comparison between predicted and test measurement of transmission loss.

Fig. 12. Pictures of the orthogonally ribbed panel mounted between the reverberant and anechoic rooms; seen from the excitation room (left) and the
receiver room (right).

The discrepancy observed at low frequencies may be due to boundary conditions. In fact, the model assumes simple
support while in the test the panel edges were sandwiched between two decoupled flat bars using a neoprene seal. The
boundary conditions are somehow closer to clamping than simple support; however, no attempt was made to identify the
test boundary conditions. Moreover, the size of the used reverberation room limits the lowest frequency range to 200 Hz
and thus the results at 100 and 160 Hz may be questionable.

The discrepancies at higher frequencies, near the critical frequency of the base plate, are certainly due to damping.
In the simulation, a constant 1% structural damping was used for both the plate and the stiffeners. Better agreement could
have been achieved if damping had been measured (edge damping) and used in the simulations.

4.2. Transmission loss of bidirectionally stiffened plate loaded by a diffuse field

In this test case, the measurement was conducted on a bidirectionally stiffened panel. Fig. 12 shows pictures of the
stiffened panel (VI) as mounted in the transmission loss facility.
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Fig. 13. Comparison between predicted, measured and periodic model results for transmission loss.

Fig. 13 shows the comparison between prediction and measurement. Results from the hybrid SEA-FE periodic model
presented by Cotoni et al. [23] are also shown. The commercial software VAone [35] was used to compute these results.
Field incidence was used in the predictions both the presented model and the hybrid model are able to accurately capture
the measured TL. Both models predict the dip at 315 Hz. This dip are again highly damped in the experiment, which is
certainly related to edge damping (neoprene was used to attach the panel in the mounting window). The discrepancies
below 315Hz are due to boundary conditions.

Based on the Bremner [22] model it is observed that low frequencies are governed by global modes and medium and
high frequencies are governed by periodic and local modes. This transition between the modes produces an increase of
sound transmission, due to the large radiation efficiency of the smaller size panels (sub-panels) at the so-called frequency
of transition. Therefore, the dip observed on the TL in the 315Hz 1/3-octave band may be due to the transition between
global and local modes.

5. Conclusion

This paper presented a simple semi-analytical model employing the modal expansion technique in order to predict the
vibro-acoustic response of finite ribbed panels under various excitations. Both unidirectionally and bidirectionally
stiffened panels were implemented. The effects of stiffener shape, position and eccentricity were considered along with a
clear analysis of the effect of cross-modal coupling. Regularly and irregularly stiffened plates with various eccentricities
and stiffener cross-sections were studied to validate the accuracy of the analytical method in comparison with the FEM for
vibration and BEM (Rayleigh’s integral) for sound radiation. Transmission loss tests were also conducted to validate the
model in comparison with a hybrid SEA/FEM periodic model. The presented model agrees very well with experimental
tests in most frequency ranges of interest. In all studied configurations, a reduction in computational cost (CPU time and
memory) was achieved in comparison with the finite element and Boundary element method. The results of the
simulations and tests corroborate the classical behavior of stiffened panels. Although limited to a simple geometry (flat
panel) and simple boundary conditions (simple support) compared to FEM/BEM based methods, the present model still
represents an excellent tool for quick and accurate parametric studies. One other particular application of the presented
model is the quick estimation of the modal density and radiation efficiency of stiffened panels for SEA applications [39].
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Appendix A. Matrices component for the bidirectionally stiffened plate

In Eq. (22), the matrix [¢] is to be inverted numerically. This matrix is square and frequency dependent with dimensions
of (2Nyn_max+2N,m_max).? The general form of this matrix, taking into account the cross-modal terms, is given by

[ ALl ... AT c1 ... [ El ... [E"] 1 ... [EY]]
Ayl ... [AN] [Ch] ... [CN] EV] ... [EN] Fil ... [Fyl
€1 ... [Cy] Bl ... [BY] Kl . K] L ... LY
= | O G | BLI . B O] Ky | M) O | ay
EN ... [EY] Fh ... [F’Nll Al [A’ B ch oo [C’N}
EVEM | ®Y O EM | A L m | e e
K. [K’Nll [F] o B €11 .. 1G] Bl ... [By)
Koo o om | e e | ™

where

ZEAmanqom(xj)qu(x )+ foT i=j=1,....Ny q=n=1,...,n_max
ajr:(q,n) = ZEAmnpqﬁDm(XJ)QDP(X’) for i=j=12....N¢ gq#n=1.2,...n_max, (A.2)
p m
22 Amnpq Pm (X)) Pp(xi) for i#j=1,2,... Ny,
p m

where a{(q,n) is the component of matrix [A’li] at row g and column n. In the same way, the components of the other
matrixes can be written as follows:

c{f(q,n):ZZAmnpq<p’m(xj)(pp(x,-) forij=1,....Ny; gq, n=1,...,n_max, (A.3)
p m
elqm) = S Anpg@a)@pxi) for i=1,... Ny, j=1,...,Ny; m=1,...,m_max; q=1,...,n_.max, (A4)
P n

f{(q,m):ZZAmnpq(p’n(yj)(pp(xi) for i=1,...,Ny, j=1,...,N,; m=1,...,m_max; ¢=1,...,n_max, (A5)
p n

ZEAmnquDm(Xj)qo p(x)+ fori=j=1,2,...,Ny; q=n=1,2,...,n_max,
bf(q,n): ZEAmnpqq)m(x])q) p(x,)for 1_1 =1,2,...,Ny; q#n=1,2,...,n_max, (A.6)
p m
;%:Amnpq(/’m(xj)(ﬂ/p(xi) for i#j=1,2,...,Ny,
K(q,m)= S Annpa@n )@ (%) for i=1,.. Ny, j=1,....Ny; m=1,...,m_max; q=1,...,n_max, (A6
p n
b(g,m)= S Anpg® mD@ X0 for i=1,.. Ny, j=1,...,Ny; m=1,...,m_max; q=1,...,n_max, (A7)
p n

e => > AmpgPq V)P for i=1,...,Ny, j=1,...,Ny; p=1,...,m_max; n=1,...,n_max, (A.8)
q m

f,-’j(p.n):ZZAmnpq(pq(yj)(p/m(x,-) for i=1,...,Ny, j=1,...,Ny; p=1,...,m_max; n=1,...,n_max, (A.9)
q m
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ZZAmnpq(pn(yj)(pq(y,)+ fori=j=1,...,Ny; p=m=1,...,m_max,
q n

4437

a j(p,m)= ;;Amnpqq)n )P for i=j=1,....,Ny; p#m=1,...,m_max, (A.10)
> AmnpgPn (YJ)(Pq(.Vi) for i#j=1,...,N,,
q n
imm =" Ampg @ n V@) for ij=1,...,Nx p=n=1,...,n_max, (A.11)
q n
Kij@m => "> Ammpq @)@ g for i=1,... Ny, j=1,...,Ny; p=1,...,m_max; n=1,...,n_max, (A12)
q m
Lipy=> > Zit @' n®)@'q)) for i=1,....Ny, j=1,...,Ny: p=1,...,m_max; n=1,...,n_max, (A.13)
q n
ZZAmnpq(pq(yJ)go mXi )+ fori=j=1,...,N,; p=m=1,...,m_max,
bipm) = 55 A Po 0 ) for i=j=1...Ny pem=1,.. . m_max (A14)
q m
222 Amnpg @ gV P m(Xi) for i#j=1,...,N,.
q m
Matrix [] in Eq. (22) is rectangular with dimensions (2N, n_max+ 2N, m_max)(n_max x m_max):
el 0 ... oo oL @0 @0 0 0 o 0
0 PL0 ... VI L @10 ®},0 L0 .. (p/’j; 0
W= 0 .. ;p}(1 0 q)[("lx 0 ] @0 @) L0 e 0 ;p’;,nimx 0 ... @Y. ol
0. @ .0 o0 L éo’f:;m 0 ... ;o';wx o ... @mx 0 ... @1 0o .. <pym 0 ... q)fym 0
(A.15)
where
(pimzsin( ) for i=1,...,Ny, m=1,...,m_max,
@', =cos (mrcx,) nLI— i=1,...,Ny, m=1,...,m_max, (A.16)
Pl = sin(nnyi> for j=1,...,N, n=1,...,n_max,
Ly
(P/{vn = cos (nz‘cy,) = for j=1,...,N,,n=1,...,n_max. (A17)
X
Vector {H} in Eq. (22) with dimension (2Nxn_max+ 2N, m_max) is given by
{H} = [S}' te 'Sil1_max‘ Tt 's{l\lx' et Sll;lxmax' S/} s’;_max' tt 5/11\&' tt S/’ryxmax't}'
N PN £\ SN o SN oI ) SUUN A S § (A.18)
where
Sy=> 3> AmnpgPmn®,(x;) for ¢=1,...,n_max, i=1,...,Ny
p m n
=Y 3> AunpgPrn @) for p=1,...,m_max, j=1,...,N,,
q m n
S/ICI_ZZZAmnqumHQD p(X) for g=1,. , i=1,...,Ny,
t’J ZZZA”’”P‘? @ o) for p=1,...,m_max, j=1,...,N,. (A.19)
Using (A.1), (A.13) and (A.16), Eq. (22) can be written as
(W} = [AIlP}—[MI{H}] —[M]{H}]] (A20)
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where [M] is (2Nx n_max+ 2N, m_max)(n_max x m_max) matrix and the vectors {H};, {H}, are given by

1 1 N, N, 1 /1 /N, /N,
(H}; = [sl, cSY S s STS ] e aS s njmax,O...O}, (A21)
_ 1 1 N, N, /1 /1 /N, /N,
[Hy =[0...0,t], ..t} oo 0t b ] et N (A22)

By multiplying, we easily obtain the expression of modal displacement
m_max n_max m_max n_max Ny oi m_max n_max m_max n_max Ny oi
Wan=>_> Ampa |Poa= 3 D0 D0 D0 D Pudkien— Do Do D D D PerBergn | (A.23)
q 3 [ g g g

p h Jj Kk r !

This expression can be simplified as

m_max n_max Ny . m_max n_max Ny .
Win = ZZA’“"W qu_ Z z Zpkl(x;{l_ Z Z Zpk'l'ﬂ;(/p . (A~24)
P q k I i k' r j
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